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Calculation of Fully Developed Flow and Heat Transfer
in Streamwise-Periodic Dimpled Channels
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An analysis is presented for fluid flow and heat transfer in a parallel plate channel with periodically spaced
dimples. The flow is assumed to be constant property, two dimensional and laminar, with uniform wall
temperature thermal boundary condition in the periodic fully developed region. A control-volume finite-
difference method based on generalized curvilinear coordinates with the capability to handle periodic boundary
conditions has been developed in order to solve the problem. Computations have been carried out for a variety
of geometric parameter, Reynolds number, and Prandtl number combinations. Local results presented for the
periodic fully developed velocity and temperature fields provide a good physical understanding of the fluid flow
and heat transfer phenomena. The average heat transfer and pressure drop results are presented for all the cases
studied. Decrease in the channel width and the dimple spacing are both accompanied by increase in the heat
transfer and pressure drop.

Nomenclature
B = overall pressure gradient, Eq. (1)
Cp = specific heat of fluid at constant pressure
D = dimple diameter, Fig. 1
DH = hydraulic diameter of the channel, Eq. (10)
/ = Darcy friction factor, Eq. (11)
H = height of the dimple, Fig. 1
h = local heat transfer coefficient on upper and lower

walls, Eq. (22)
h = average heat transfer coefficient based on parallel

plate channel area, Eq. (19)
k = thermal conductivity of the fluid
L = separation between dimples, Fig. 1
LMTD = log-mean temperature difference for the module,

Eq. (20)
Nu = local Nusselt number for the module, Eq. (21)
Nu — average Nusselt number for the module, Eq. (18)
NUQ = fully developed Nusselt number for a parallel plate

channel
P = periodic part of static pressure, Eq. (1)
p = static pressure
Pr = Prandtl number of the fluid, Eq. (17)
Q = per-module heat transfer rate
q — local heat flux over the channel surface
Re = Reynolds number, Eq. (8)
T = temperature
Tb = bulk temperature of the fluid, Eq. (14)
Tw = uniform temperature of the channel walls
u,v = Cartesian velocity components
u = average velocity of the fluid in x direction, Eq. (9)
x,y = Cartesian coordinates
F = diffusion coefficient
(/> = general dependent variable
£,77 = curvilinear coordinates
jLt = dynamic viscosity of the fluid
p = density of the fluid
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0 = dimensionless temperature, Eq. (13)
^o = maximum value of normalized stream function in

the main recirculating eddy

Subscripts
b = bulk value
w = value at channel wall
0 = parallel plate channel value

Introduction

THE phenomenon of streamwise-periodic fluid flow and
heat transfer is encountered in a variety of situations, such

as flow in compact heat exchanger channels and flow across
tube banks. Applications such as the cooling of avionics com-
ponents, computer circuit boards in supercomputers, and ra-
diators in the aerospace and automobile industries require
compact and efficient heat exchange devices. The flow pas-
sages in these devices are usually characterized by small di-
mensions and low velocities, and, therefore, the flow is lami-
nar for a significant fraction of the range of operation. Since
heat transfer coefficients in laminar flow are generally low for
smooth channels, a variety of unconventional internal flow
passage designs is used to augment the heat transfer rates.
Examples of these passages occur in corrugated wall ducts,
channels with wavy walls, parallel plate channels with stag-
gered fins, and plate-fin heat exchangers.

In many of the duct configurations mentioned above, the
geometry varies in a periodic manner along the direction of the
flow. The concept of a periodic fully developed regime, de-
scribed by Patankar et al.,1 can be used in the analysis of these
periodic geometries, since the flow pattern repeats itself in
successive cycles downstream of an entrance region. The onset
of the periodic fully developed regime occurs, in practice,
about five hydraulic diameters downstream of the duct inlet.2
In typical applications, where the flow passage consists of
many modules, the concept of the periodic fully developed
regime is a reasonable model. When the thermal boundary
conditions are of a particular type, such as uniform wall
temperature or uniform constant wall heat flux, the tempera-
ture field (when scaled in an appropriate manner) also be-
comes periodically fully developed, as shown in Ref. 1. Thus,
the entire analysis of fluid flow and heat transfer can be
restricted to one module of the duct with a resultant economy
of computational effort.
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Fig. la The dimpled channel geometry.

Fig. Ib The domain in physical coordinates.

The purpose of this paper is to analyze the flow and heat
transfer in a particular geometry that belongs to the class of
streamwise-periodic geometries described in the previous para-
graphs. The geometry, shown in Fig. la, consists of a parallel
plate channel with semicircular dimples arranged in a stag-
gered manner along the upper and lower walls. This duct
configuration is used, among other places, to enhance heat
transfer performance of radiator cooling passages. It appears
that no experimental or numerical results are available in the
literature for dimpled channel ducts despite their importance,
and this provides the motivation for the present work. The
dimples serve to provide additional surface area for heat trans-
fer as well as improve the heat transfer performance by caus-
ing flow deflection and impingement on the upper and lower
walls of the channel. The details of the geometry are shown in
Fig. Ib, where it can be seen that the dimples have the same
height H, which provides a partial blockage of the flow area
between the upper and lower plates separated by a distance S.
The dimples are arranged at a regular interval of length L,
which defines the length of the computational domain. As
indicated by Kelkar and Patankar3 in a study of fluid flow and
heat transfer in parallel plate channels with staggered fins, the
geometric parameters and the arrangement of the dimples
have the potential of having a tremendous effect on the pres-
sure drops and heat transfer performance of the duct.

In this work, in order to properly model the dimpled chan-
nel geometry, the generalized curvilinear coordinate finite-vol-
ume method of Karki and Patankar4 has been extended to
handle streamwise-periodic problems. Due to the shape of the
boundaries of the present problem, usual methods based on
simple orthogonal meshes, such as Cartesian grids, cannot be
used. In the present method, a nonorthogonal grid based on
curvilinear coordinates is generated in the domain, such that
the boundaries conform to coordinate lines. The governing
transport equations are then solved in the numerically gener-
ated mesh, using a control-volume finite-difference method.
Although curvilinear coordinate methods, as applied to
streamwise-periodic problems, have been reported in the liter-
ature (for example, Asako and Faghri5 and Garg6), the tech-
niques used in these papers are based on specific algebraic
transformations that transform the physical domain to a
rectangle. Algebraic transformation methods, although simple
to implement, are special cases of the general boundary-fitted
coordinate methods and, as such, are limited to specific ge-
ometries. The present method, however, is not limited to
particular boundary shapes, and very complex geometries can
be modeled.

In this paper, a numerical analysis of the dimpled channel
problem is presented, together with detailed local and overall

results for fluid flow and heat transfer. The flow is assumed to
be steady, two dimensional, and laminar. The thermal
boundary condition along the duct walls is that of uniform
wall temperature. The calculations have been carried out for
three values of the dimensionless channel width and dimple
spacing, encompassing a Reynolds number range between 100
and 1000. The heat transfer results have been obtained for two
values of the Prandtl number of 0.7 and 5. Although the
present analysis does not account for vortex shedding that
may occur at high Reynolds number for some of the configu-
rations, it is felt that the effect of vortex shedding (assuming
it is present) would be to further increase the heat transfer rate
and pressure drop. The results reported here can, therefore, be
considered to be conservative. Calculations with unsteady
equations would yield marginally more useful information at
the expense of excessive computational costs.

Mathematical Formulation
As mentioned previously, since the geometry shown in Fig.

la has a repetitive pattern in the stream wise direction, the
calculation can be restricted to a typical module, shown in Fig.
Ib. The concept of a periodic fully developed flow regime and
a calculation procedure that takes advantage of this phenome-
non, have been described by Patankar et al.1 and, therefore,
the description here will be limited to the important features
and the details related to the employment of curvilinear coor-
dinates. In streamwise-periodic ducts, such as the dimpled
channel problem described here, the velocity field repeats
itself at corresponding axial locations in the modules in the
stream wise direction. In addition, the pressure at these cyclic
locations decreases linearly downstream. When thermal
boundary conditions, such as uniform wall heat flux or uni-
form wall temperature are imposed, a periodic thermally de-
veloped regime develops that is characterized by a module
averaged heat transfer coefficient that is the same from mod-
ule to module.

Conservation Equations in Cartesian Coordinates
As explained in Ref. 1, the pressure p in a periodic fully

developed flow can be expressed as a linear combination of an
overall pressure drop (which drives the flow in the streamwise
direction) and a "local" pressure P that is responsible for
local flbwfield variations in the module:

p(x,y) = -Bx +P(x,y) 0)

where B is a constant representing the overall pressure gradi-
ent. Thus, BL is the pressure drop in a given module. The
"local" pressure P(x,y) behaves in a periodic manner from
module to module, such that

P(x,y) = L,y) (2)

The governing equations of continuity and momentum have
the following form for incompressible constant property flow:

du
P[UTX

 +

du dv
— +— -0
dx dy

du\ dP fd2u d2u
VTy)=B-Tx^(^2 + ̂

(3)

(4)

The appropriate boundary conditions along the upper and
lower walls and the periodic boundaries (x = 0 and x = L) are

Wall surface: u = 0, v = 0 (6)

x = 0, x = L: w(OjO = u(L,y)

v(L,» (7)
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It may be noted that due to the nature of the periodic
boundary conditions, no inflow velocities are specified. How-
ever, the value of B determines the flow rate through the
channel. On examining the fluid flow equations and the ge-
ometry, the fluid flow is governed by the geometrical parame-
ters H/S and L/S and the Reynolds number, defined as

Re = puDH/(ji

where

The friction factor is defined in the usual manner:

(8)

(9)

(10)

(11)

With the Reynolds number Re, hydraulic diameter £>/,, and
the friction factor / defined as above, direct comparisons are
possible with the friction factor corresponding to a parallel
plate channel.

The governing equation for the temperature field is

% HP % T\ % I % T\ 51

pC(ug:+v^=±(k?L\+±[k-} (12)p\ dx dyj dx\ dxj dy\ dyj

With the thermal boundary condition of specified uniform
wall temperature Tw on the upper and lower walls, the dimen-
sionless temperature field becomes periodic. The dimension-
less temperature 6 is defined as

T-TW

Tb - Tw
(13)

and repeats from module to module. The bulk temperature Tb
in Eq. (13) is given by

Tb = \u\Tdy\\ I n I dy
Jo / Jo

(14)

as is appropriate for recirculating flows. The boundary condi-
tions for temperature are as follows:

Wall surface: (9 =

X=L:

(1.5)

(16)

The solution of the heat transfer problem introduces an
additional parameter, the Prandtl number, defined as

(17)

The overall heat transfer performance of the dimpled chan-
nel can be measured by the average Nusselt number, given by

~Nu = hDH/k (18)

where the average convective heat transfer coefficient is de-
fined, such that

= Q/(2L)(LMTD) (19)

with Q being the total rate of heat transfer in the module. The
definition of h in Eq. (19) is based on a surface area of 2L,
which is the surface area of a parallel plate channel of the
same length. Thus, the extra area due to the curvature of the
dimpled surface is not taken into account. The quantity
LMTD in Eq. (19) represents the log-mean temperature differ-

ence, defined as

LMTD =
[Tw~Tb(L)]-[Tw-Tb(Q)]

en[[Tw-Tb(L)]/[Tw-Tb(0)]} (20)

A local Nusselt number is also computed for the upper and
lower walls of the channel as

where

Nu=hDH/k

h=q/(Tw-Tb)

(21)

(22)

Computational Procedure for Flow and Heat Transfer in Generalized
Coordinates

In the present paper, the calculation procedure of Refs. 4
and 7 has been used to solve the conservation equations in
generalized curvilinear coordinates. In this section, important
features of the method are presented; complete details can be
found in the above cited references.

The calculation procedure is based on the finite-volume
formulation,8 in which the physical domain is divided into
contiguous control volumes. A staggered grid arrangement is
used in which the scalar quantities are located at the center of
a control volume and the velocity components are displaced
along the coordinate directions to lie at the midpoints of the
control-volume faces. The momentum equations are written in
terms of. the physical covariant (grid-oriented) velocity compo-
nents. Due to the spatial variation of the base vectors associ-
ated with these velocity components, curvature source terms
appear in the governing equations. In the method proposed in
Refs. 4 and 7, a locally fixed coordinate system is used to
derive the discretization equations for the curvilinear velocity
components. In this approach, the coordinate axis, in the
direction of the velocity component being considered, is fixed
at the neighboring points. Thus, all velocity components ap-
pearing in the discretization equation are parallel, and curva-
ture terms do not appear explicitly in the formulation. This
procedure is only slightly more complex than that for a simple
coordinate system. The coupling between the velocity and
pressure fields is handled using the SIMPLER algorithm.8 The
calculation procedure has been used to solve a variety of
benchmark problems, and the results are documented in Refs.
4 and., 7.

In the present work, the solution method was modified to
incorporate the features related to the streamwise periodicity
of the flow. A cyclic tri-diagonal matrix algorithm (TDMA)
was implemented to solve the discretization equations. To
enhance the convergence of the cyclic TDMA, the additive
correction method of Settari and Aziz9 was incorporated. The
solution of the flowfield for a desired value of the Reynolds
number was accomplished by starting the calculation proce-
dure with an arbitrary value of B and a tentative value of the
viscosity /*. With these values specified, the calculation yielded
an average velocity u that was used to adjust ' \L to give the
desired value of Re. The iterative updating of ^ was continued
until convergence. The solution of the temperature field pre-
sented some additional difficulties, because Eq. (12) and the
boundary conditions of Eqs. (15) and (16) constitute an eigen-
value problem with the 0 field being periodic and not T, so
that the bulk temperature Tb(x) is not known a priori at any
streamwise location. Kelkar and Patankar3 have suggested an
iterative procedure that addresses this problem, and a similar
procedure extended to curvilinear coordinates is used in this
work.

The computations were performed on a 42 x 42 numerically
generated grid using a differential equations method described
by Thompson et al.10 With the boundary grid point distribu-
tion being specified in the (x,y) coordinate system, the solu-
tion to a set of Poisson equations constitutes a boundary value
problem whose result is the grid point distribution in the
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interior of the domain. The grid points in the rj and £ (curvilin-
ear coordinates) directions were distributed in a nonuniform
manner, with a higher" concentration of grid lines close to the
walls, as shown in Fig. 2. Some amount of grid control using
attraction functions, described in Ref. 10, was necessary in
order to prevent migration of grid lines. Additional runs for
coarser (32 x 32) and finer (52 x 52 and 62 x 62) meshes and
meshes with different_grid point distributions indicated that
the reported values of Nu and/are within 3% of the extrapo-
lated values for a grid with an infinite number of grid points.

In all the computations involved in this study, calculation of
the temperature field was started only after a converged veloc-
ity field was obtained. The velocity field was deemed to be
converged when the maximum value of the normalized mass
residual was less than 10~5, and the temperature field was
taken to be converged when the heat balance in the module
was within 10~4%. Typical computations required about 250
iterations for a converged velocity field and about 40 addi-
tional iterations for a converged temperature field correspond-
ing to each Prandtl number. The computer program used for
the computations was optimized to run efficiently on an Al-
liant FX/8 minisupercomputer, with a large fraction of the
code being able to utilize the vectorization capability of this
machine. Typical run times on a single processor was of the
order of 20 CPU minutes. Expected run times on a CRAY-IS
supercomputer are about 2 CPU minutes.

Results and Discussion
The computer code has been tested on a variety of bench-

mark problems, and the results have been documented in
Refs. 4 and 7. In particular, the periodic boundary condition
capability developed in this work has been validated by solving
fully developed channel flow problems, for which the exact
solutions are known, with periodic boundary conditions. The
results of the code are in excellent agreement with the closed
form solutions for both velocity and temperature fields. In
addition, the forced convection problem in two corrugated
duct geometries has been solved with the computer program
developed in this work. For the first problem, the predicted
average Nusselt number (using an 82 x 32 grid) has been com-
pared with the experimental results of Goldstein and Spar-
row11 for an isothermal corrugated duct, with Re = 510 and
Pr = 0.6354. The experimental and predicted Nusselt numbers
are 8.6 and 9.09, respectively—a difference of about 6%. In
the second series of test problems, some selected corrugated
duct geometries studied by Asako and Faghri5 were modeled
for a range of Reynolds and Prandtl numbers. The results for
the friction factor / and the average Nusselt number "Nu were
within 5% of the published results.

The results of primary interest in this study were the mod-
ule-averaged heat transfer and the friction factor coefficients.
When the important dimensions of the geometry are scaled
with the spacing between the upper and lower walls, S, the
fluid flow and heat transfer results become functions of two
geometrical parameters (L/S and ///S), the Reynolds num-
ber, and the Prandtl number. The influence of these parame-

ters was studied by choosing three values of L/S (1.875, 2.5,
and 3.2), three values of H/S (0.25, 0.32, and 0.4), four values
of the Reynolds number (100, 200, 500, and 1000) and two
values of the Prandtl number (0.7 for air and 5 for water). The
choice of the values of the geometrical parameters was dic-
tated by manufacturing constraints in the sheet metal forming
process used to manufacture the dimpled channels. For exam-
ple, the dimples cannot be made too high (the height is limited
to 0.4 diam) nor can the spacing between the dimples be too
small (L/S is restricted to a minimum value of 1.875). Calcu-
lations were not performed for Reynolds number greater than
1000 because the flow is unlikely to remain laminar for values
that are appreciably greater.

Flow Patterns and Isotherm Maps
Representative results for the flowfield are shown via vector

plots in Figs. 3a and 3b. These figures are for H/S = 0.4,
L/S = 1.875, Re = 100, and Re = 1000, respectively. As seen
in the figures, the presence of the relatively tall dimples rela-
tive to the module length causes considerable flow distortion.
The flow negotiates the peaks and valleys in the domain in an
undulating fashion that causes considerable impingement. For
Re = 100, there is very little flow separation downstream of
the dimples, and the gradients at the walls are not as steep as
in the Re = 1000 case. In Fig. 3b, for Re = 1000, the separated
region has become much larger, with a large recirculation
region occupying the entire space between two successive dim-
ples. The high velocity core flow impinges on the upstream
side of the dimples with sharp gradients and, therefore, these
zones are expected to be very active in heat transfer. Also, the
straight walls are seen to be adjacent to the lower velocity
recirculation zones, so that lower heat transfer coefficients are
expected on these walls. Both Figs. 3a and 3b clearly indicate
the periodic nature of the velocity field, which, incidentally,
also exhibits an antisymmetry due to the equally spaced stag-
gered arrangement of the dimples.

The streamline plots in Figs. 4-6 show the effect of different
parameters on the flowfield. The effect of the Reynolds num-
ber is shown in Fig. 4 for fixed values of H/S =0.32 and

a) Re = 100

Fig. 2 A typical grid distribution for the geometry considered.

f f inn If f i UUV
b) Re = 1000

Fig. 3 Velocity field for H/S = 0.32, L/S = 1.875.
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Re = 500, *0 = 0.041 Re = 1000, *0 = 0.064

Fig. 4 Streamline plots for H/S = 0.32, L/S = 1.875, and varying
Re.

H/S = 0.25

HIS = 0.4

Fig. 5 Streamline plots for L/S =1.875, Re = 500, and varying H/S.

L/S = 1.875. As Re increases, or, in other words, as the flow
rate increases through the channel, the size and the strength of
the recirculation zone grows. For Re = 100 and Re = 200,
very small secondary recirculation bubbles can be seen up-
stream of the dimples at the junctions of the straight and
curved walls. However, at larger values of Re, the primary and
secondary eddies join to form large eddies that occupy the
entire interdimple space. The strength of the recirculating flow
in each case can be judged from the value of the maximum
dimensionless streamfunction ^0> which can also be inter-
preted as the ratio of the flow in the recirculation zone to the
flow rate of the throughflow.

The effect of increasing the H/S ratio for L/S = 1.875 and
Re == 500, which is equivalent to decreasing the spacing be-
tween the upper and lower walls of the channel or increasing

L/s 1.875

L/S = 3.2

Fig. 6 Streamline plots for H/S = 0.32, Re = 500, and varying L /S.

the dimple height relative to the spacing, is shown in Fig. 5. As
H/S increases, the throughflow is constricted and bends more
significantly with the distortion in the streamlines becoming
more and more severe. It is apparent that the presence of taller
dimples causes more flow impingement on the upstream side
of the dimples. The streamline maps in Fig. 6 show the effect
of increasing the L /S ratio (the module length relative to the
channel spacing), keeping H/S and Re fixed at 0.32 and 500,
respectively. The effect of decreasing the dimple spacing is
qualitatively quite similar to that of increasing the Reynolds
number.

Figure 7 shows the effect of Reynolds number and the
Prandtl number on the temperature field for a typical geome-
try (H/S = 0.32, L/S = 1.875). It should be noted that the
isotherms correspond to the dimensional temperature T, and
not 6, so that the plots are physically more meaningful. The
contour plots of 0 show a periodic behavior unlike the devel-
oping pattern for the dimensional temperature observed in
Fig. 7. It is apparent from the spacing of the isotherms that at
a given value of Re, the temperature field for Pr = 5.0 is
characterized by thinner boundary layers, compared to the
Pr = 0.7 case, due to lesser thermal diffusion effects. Thus,
higher heat transfer coefficients are expected for larger values
of the Prandtl number. Another observation that is readily
made is that the thermal boundary layer is thinner at higher
Reynolds numbers. At higher flow rates, the core flow tends
to cool down, or heat up as the case may be, at a slower rate.
Thinner boundary layers imply higher heat transfer coeffi-
cients. The plot corresponding to Re - 500 and Pr = 5 clearly
shows the impingement effects of the core flow on the up-
stream side of the dimple, where the isotherms are seen to be
very closely packed together. Temperature gradients in these
regions are high and, as will be shown later in this paper, the
local heat transfer coefficients are also high. Also, the effect
of the strong recirculating flow is more apparent at Pr = 5
than at Pr = 0.7, as shown by the kinks in some of the
isotherms.
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100, Pr = 0.7 Re = 100, Pr = 5

P i

Re = 500,Pr = 0.7 Re = 500, .Pr = 5

Fig. 7 Isotherm plots for H/S = 0.32, L/S = 1.875, and varying Re and Pr.

20.1. M. I. 1 1 1 . Ml. MM| , 1 1 , 1 , IM | I

400 600 800 1000 1200
Re

Fig. 8 Influence of Re and L /S on fRe for H/S = 0.25.

12r

10

°C 200 400 600 800 1000 1200
Re

Fig. 9 Influence of Re and L /S on fRe for H/S = 0.32.

Friction Factor and Average Nusselt Number
In the interest of clarity, the friction factor and average

Nusselt numbers for all the cases studied have been presented
as a function of the Reynolds number in six different figures
(Figs. 8-13). In these figures, the results_have_ been presented
in terms of the ratios fRe/(fRe)0 and Nu/Nu0, where (fRe)0
and NuQ represent values corresponding to a parallel plate
channd with isothermal walls. These values are (fRe)0 = 96
and Nu0 = 7.54; ratios greater than unity indicate pressure
drop penalty and heat transfer augmentation relative to a

15

'" 200 " " 400 " "' 600 " 800 1000 1200
Re

Fig. 10 Influence of Re and L /S on fRe for H/S = 0.4.

6.00

5.00

4.00

'2.00

1.00

0.00

—— Pr = 5
——— Pr = 0.7
o*««eL/S - 1.875
—— iL/S - 2.5a/s - 3.2

Re _
Fig. 11 Influence of Re, L /S and Pr on TVw for H/S = 0.25.

parallel plate channel without dimples. Each pair of friction
factor and average Nusselt number plots corresponds to a
given value of the H/S ratio (0.25, 0.32, and 0.4). On each
plot, the L/S ratio is used as a parameter with values of 1.875,
2.5, and 3.2. The Nusselt number plots display two sets of
curves corresponding to Pr = 0.7jmd Pr = 5.

In all the cases, both fRe and Nu increase uniformly with
Reynolds number. The increase in heat transfer with Reynolds
number is directly linked to the flow impingement effects at
higher flow rates. The increasing flow separation and impinge-
ment also introduce a pressure drop penalty, however. The
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8.00

6.00

>4.00

hi
2.00

'M

———-Pr = 5
——— Pr = 0.7

>L/S - 1.875

0.00 ( '"'"' 2ot)" "'' 400 '" " 600 '" " sAfa"'" TOOo'" "l 2 )0
Re _

Fig. 12 Influence of Re, L /S and Pr on Nu for H/S = 0.32.

heat transfer rate is observed to be significantly higher for the
larger value of the Prandtl number. Although, in the best case
(Re = 1000, H/S =0.4, L/S = 1.875, and Pr =5.0) the heat
transfer rate is augmented by as much as a factor of eight, the
pressure drop penalty is even higher with thefRe/(fRe)Q ratio
being about 18.

The effect o ̂ increasing L /S can be seen in each plot, where
both fRe and Nu decrease with an increase in L/S at fixed
values of Re and H/S. As observed earlier, the flowfield is less
distorted when the dimple spacing is increased. Thus, as the
dimple spacing gets larger, the friction factor and Nusselt
number behavior approaches that of a parallel plate channel
without dimples. The heat transfer behavior is consistent with
the fact that with increasing distance between dimples there is
less frequent breakup of the thermal boundary layer.

The effect of increasing the ratio H/S can be seen by
comparing the three sets of friction factor and Nusselt number
plots. The friction factor ratio is seen to rise rather rapidly
with increase in the H/S ratio, whereas the Nusselt number
ratio rises at a lesser rate. As the spacing is decreased or the
dimple height is increased, for a given flow rate, the average
velocity increases linearly, but the associated pressure drop
increases approximately as the square of this velocity. With
increasing H/S, the recirculation regions downstream of the
dimple, which do not contribute much to the heat transfer,
become larger and larger and the gain in heat transfer perfor-
mance suffers. Therefore, it appears that even if manufactur-
ing constraints are not considered, there may not be much to
gain by going to very tall dimples or small channel spacings.

Local Heat Transfer
Figure 14 shows the variation of the local Nusselt number

Nu on the upper and lower surfaces of the channel along the
streamwise coordinate x. The local Nusselt number has been
scaled with 7V«0, and the streamwise coordinate has been
nondimensionalized with the module length L. The plot corre-
sponds to H/S = 0.32, L/S = 1.875, and Pr = 0.7. The solid
lines and dashed lines correspond to the local Nusselt number
along the upper and lower walls, respectively. The two sets of
curves correspond to two values of the Reynolds number:
Re = 100 and Re = 500.

An insight into the behavior of the local heat transfer coef-
ficient can be obtained if attention is also focused on the
corresponding flow and temperature fields in Figs. 3 and 7 for
the same geometry. For the upper wall, the local heat transfer
coefficient gradually decreases along the straight section up-
stream of the dimple, due to the slowing down of the flow. A
local minimum is reached at a location corresponding to the
junction between the straight wall and the dimple surface,
where the flow is virtually stagnant. Then, the heat transfer
coefficient increases rapidly along the upstream side of the
dimple because of the core flow impingement. After reaching

10.00

8.00

^6.00

4.00

2.00

- Pr = 5
• P r = 0.7
»L/S - 1.875
JL/S - 2.5
v L/S - 3.2

Re
Fig. 13 Influence of Re, L/S and Pr on ~Nu for H/S = 0.4.

5.0

Fig. 14 Variation of local heat transfer for Pr = 0.7, H/S = 0.32,
and L /S = 1.875.

a maximum value, the value decreases again along the down-
stream side of the dimple, where the heat transfer surface is in
contact with either low speed flow (for Re = 100) or recircu-
lating flow (Re = 500). A second minimum is reached at the
junction of the dimple and the downstream straight wall,
where the flow is stagnant. The heat transfer coefficient then
rises along the straight wall as the fluid velocity adjacent to the
wall increases in magnitude.

This pattern repeats itself cyclically and the variation of the
heat transfer coefficient along the lower wall follows exactly
the same pattern, except at different x/L locations. The values
of the NU/NUQ ratios are, of course, higher for Re'== 500,
compared with the values for Re = 100.

Concluding Remarks
A control-volume finite-difference method based on general

curvilinear coordinates has been developed to predict fully
developed flow and heat transfer in streamwise-periodic
geometries of complex shape. The method has been applied to
predict velocity and temperature fields and overall quantities
like friction factor and heat transfer coefficients for a parallel
plate channel with dimples. The effect of parameters such as
the Reynolds number, Prandtl number, dimple height to chan-
nel spacing ratio (H/S), and dimple spacing to channel spac-
ing ratio (L/S) has been found to have an important bearing
on the fluid flow and heat transfer performance. For large
H/S and small L/S, the flowfield is characterized by large
recirculation zones and significant flow distortion. Heat trans-
fer augmentation compared to a parallel plate channel is as
much as eight times for the range of parameters studied;
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however, pressure drop can increase to as much as a factor of
18. The results indicate that channels with large H/S and
small L/S ratios have larger heat transfer coefficients, but
there may be no added benefit to increasing H/S to very large
values. Details of the velocity field, temperature field, and the
local heat transfer variation provide insights into the impor-
tant physical phenomena.
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